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Statistical Energy Analysis (SEA) is generally used in estimating the responses of structures to high frequency
acoustic excitation. Though it has been successfully applied for panels having uniform mass, its usage is limited
when the mass distribution is not uniform, as seen in equipment panels of a spacecraft. Results for such panels are
seldom reported. In this work, an attempt is made to address this gap. A methodology to estimate the responses
of such panels in SEA framework is presented and demonstrated for an equipment panel of a spacecraft, thus
widening its application. This is accomplished through SEA along with the information on the standing waves
generated due to the change in the structural properties. The acceleration responses of a typical equipment panel
when subjected to a diffused acoustic field in a reverberation chamber are measured. The responses of the same
panel are theoretically estimated using the methodology presented and a reasonably good prediction is seen.

NOMENCLATURE

< a2 >
mean square value

of acceleration
A area of the plate
Ai area of the ith subsystem
c speed of sound in air

cb,i
speed of the bending wave

in ith subsystem
D flexural rigidity of the plate
Di flexural rigidity of ith subsystem
f frequency in Hz
fc critical frequency in Hz
k wavenumber
L length of the line junction
n(f) number of modes per Hz at frequency f
ni modal density of ith subsystem
N shear rigidity of the panel

prms
2 mean square value of pressure

S
surface area

of the reverberation chamber
< v2 > mean square value of velocity

< v2 >x
spatial average of

mean square value of velocity
V volume of the reverberation chamber
Vi volume of ith subsystem

ā
total sound power absorption coefficient

of the chamber
δN number of modes in the band
∆ half-power bandwidth
ηi dissipation loss factor of ith subsystem

ηij
coupling loss factor

of ith subsystem to jth subsystem
φaa(f) spectral density of acceleration
ω circular frequency in rad/s

ωc critical frequency in rad/s
ρ mass per unit area
ρa density of air
ρi mass per unit area of ith subsystem
τ sound power transmission coefficient

τi
sound power transmission coefficient

of ith subsystem

τr
random incidence

sound power transmission coefficient

τij
wave transmission coefficient

of ith to jth subsystem

1. INTRODUCTION

The structure of a spacecraft consists of several panels con-
nected to each other and several pieces of electronic equipment
are mounted on them. During the ascent phase, spacecraft
experience high frequency and high intensity acoustic excita-
tions. Information on the vibration responses caused by these
acoustic excitations are essential for the design of the structure
as well as arriving at suitable random vibration loads for the
equipment mounted on them.

Responses of multimodal systems in their higher order
modes are generally estimated using Statistical Energy Anal-
ysis (SEA).1, 2 SEA has been successfully used in several ap-
plications such as in predicting the response of spacecraft to
acoustic excitation,3, 4 in determining the interior noise in an
aircraft,5 the responses of VULCAIN engine of Ariane 56

etc. Statistical Energy Analysis is a powerful as well as con-
venient tool in solving vibro-acoustic problems in automo-
biles.7–9 SEA plays a significant role in the vibro-acoustic de-
sign of ships,10 buildings11, 12 and high speed trains.13, 14 Thus
one can see that SEA is being used in determining dynamic
responses in a wide range of applications, with its known lim-
itations.15, 16
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In SEA, the system is comprised of several interacting sub-
systems. The response estimated for a subsystem is the spatial
average over the subsystem and the response at a particular lo-
cation of the subsystem is not estimated. Other than the spatial
average, one can also get an estimate of the standard deviation
of the responses in the domain.17, 18 The responses near the
boundaries will be very much different from the spatial aver-
age. These responses can be determined from the spatial av-
erage responses by using certain relations.19, 20 For example,
mean square response at the free end of a beam is four times
the spatial average value of response. One can suitably design
the structure for higher order modes by estimating the spatial
average value of the response using SEA, their standard devi-
ation and applying the relations for the response at the bound-
aries. While doing so, the subsystem is assumed have uniform
structural properties. Elements like solar panels and antenna
reflectors of spacecraft practically belong to this category, and
this methodology is very much suitable as well as sufficient for
their structural design in their higher order modes.

Many spacecraft panels do not have uniform structural prop-
erty distribution. Several electronic instruments are mounted
on the panels and the mass distribution is highly non-uniform.
One such panel is shown in Fig. 1. Estimating the responses of
such panels is very essential and very much crucial, especially
for determining the random vibration loads for that equipment.
The previous research3–14 determines the sound field generated
due to vibration. In research where the vibration responses are
determined, the structural panels are considered to have a uni-
form mass distribution. Though SEA is used in several appli-
cations, difficulties in estimating the response of structure with
non-uniform structural properties limits its usage. Enabling the
estimation of responses of panels with non-uniform mass dis-
tribution widens the application of SEA further. As the spatial
average of response in such panels is meaningless, the most
important feature needed is the ability to predict the responses
at the required location, especially at the interface of the equip-
ment.

Researchers have tried several methods to circumvent this
limitation and thus to increase the applicability of SEA. One of
them is the point impedance model developed by Clarkson et
al.21and another model is the AMA (Asymptotic Modal Anal-
ysis) model proposed by Kubota et.al.22 Both of these models
are suitable for predicting the responses when the equipment
can be considered as a point mass, that is the dimension of the
equipment should be very small compared to the wavelength.
One can see that these kinds of models are not suitable for pre-
dicting the response of an equipment panel shown in Fig. 1.
Soize23 proposed a methodology where a well-defined subsys-
tem connected to a less well-defined subsystem is analyzed,
but this is not practical when applied to the equipment panels.
Renji et al.24 developed a methodology where the equipment is
treated as a separate subsystem, represented by its mass as well
as area. Responses are first estimated using SEA and the vari-
ation of response in the domain is determined from the inter-
ference pattern of bending waves generated in the panel. This
was shown through studies done on a panel with one equip-
ment attached. The results were also verified by conducting
experiments.

Figure 1. The photograph of the panel considered.

Another major development in this direction is to represent
such subsystems by finite element models and the rest through
SEA, called hybrid SEA model. This methodology was origi-
nally proposed by Langley and Bremner.25 Later several inves-
tigations on the theoretical aspects of the hybrid model, were
carried out by many researchers26, 27 especially on the coupling
loss factors between subsystem represented by FEM and that
represented by the SEA model. Hybrid SEA has become a very
popular method, especially in the mid-frequency range.28, 29

There are even commercial software packages incorporating
hybrid SEA modeling and they are being used in determining
responses in several applications.30

To determine the response of a panel having non-uniform
mass distribution using hybrid SEA, one needs the finite ele-
ment model of the panel. A typical spacecraft which is of a cu-
bical shape has 6 faces comprised of panels with non-uniform
mass distribution. The hybrid SEA needs finite element mod-
els of all the six panels which eventually becomes a finite ele-
ment of model of the entire spacecraft. Even if one considers
a single equipment panel, the finite element models of all the
equipment are needed. Hybrid SEA becomes relevant when a
few subsystems among several subsystems have to be repre-
sented by their finite element models.

Therefore, in the present work, the methodology developed
by Renji et al.24 is pursued to apply it to an equipment panel
where a large number of pieces of equipment are attached and
the mass distribution is highly non-uniform. The panel is then
subjected to a diffused acoustic field in a reverberation cham-
ber and the responses are measured. The results are then com-
pared to see where this methodology of prediction of response
of such panels stands with respect to the measured results. It is
to be noted that no results have been reported yet on such pan-
els, neither on the prediction nor on the measured responses.
The present work is a contribution in this direction.
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Figure 2. Schematic of the panel under study. • - Accelerometer location. ()
- SEA subsystem.

2. DETAILS OF THE PANEL AND TEST
SETUP

The panel considered is a typical equipment panel of a
spacecraft.

The panel is made of honeycomb sandwich construction.
The thickness of the honeycomb core is 25.4 mm. The panel is
2.3 m long and 1.93 m wide. Each face sheet has a thickness of
0.332 mm and is made of Aluminium alloy. Young’s modulus
of the material of the face sheet is 7.65×1010 N/m2, Poisson’s
ratio is considered to be 0.3 and the density is 2800 kg/m3.
The flexural rigidity of the panel, denoted by D, is calculated
as 9240 Nm. The honeycomb core has a density of 32 kg/m3.
The shear modulus of the core is very low and the value pro-
vided by the manufacturer is 12.9×107 N/m2.The shear rigid-
ity of the panel, denoted byN , is calculated as 32.7×105 N/m.
There are several heat pipes embedded in the panel. The mea-
sured mass of the bare panel is 26.6 kg. There are a few con-
centrated masses, and 25.0 kg is the mass of the panel used for
the determination of all SEA parameters.

A large number of pieces of equipment are mounted on the
panel. A photograph is shown in Fig. 1. Figure 2 shows a
sketch of the panel with the equipment shown as rectangles.
The mass of each piece of equipment is shown within the rect-
angle. There are 35 pieces of equipment mounted on the panel.
The total mass of the equipment mounted on the panel amount
to 165 kg. The mass of the panel with all the equipment is
191.6 kg.

The panel is mounted on a test fixture. The test setup is
shown in Fig. 3. To facilitate the mounting, four structural an-
gles are fixed to the four sides of the fixture, one on each side.
One side of each structural angle is bolted to the fixture at sev-
eral locations. The panel is fixed on to the other side of the

Figure 3. A photograph of the acoustic test setup.

structural angle, through inserts embedded in the panel. Thus
the panel is supported at all four edges by structural angles.
These supports act like simple supports as the angles are flex-
ible and allow for rotation. In addition, the panel is also sup-
ported along the central line parallel to the longer edge (2.3 m
long). This is done because, in spacecraft, large panels are sup-
ported additionally along such a line to a panel, called a shear
panel. The shear panel is made of honeycomb sandwich con-
struction and has dimensions of 2.3 m × 0.54 m with 15 mm
thick honeycomb. The equipment panel is bolted to the edge of
the shear panel at several locations. The panel is mounted such
that the face of the panel on which the equipment is mounted
is towards the floor. Therefore, the equipment cannot be seen
in Fig. 3.

A cone shaped structure is used to support the panel. The
acoustic field is not reverberant near the floors and walls of
the chamber. If the panel is kept very close to the floor, the
sound field acting on the panel will be higher than the rever-
berant field. Beyond a distance of 1 m, the field will be al-
most reverberant. The cone shaped structure keeps the panel
at a distance of about 1.6 m from the floor of the reverbera-
tion chamber. The supporting structure should not have any
enclosed cavity. If there is any enclosed cavity, standing waves
will be developed in the cavity causing a significant sound field
at certain specific frequencies. To overcome this problem, the
cone shaped structure is provided with large sized cut-outs /
openings.

3. DETAILS OF THE TESTS AND TEST
RESULTS

The panel mounted on the test fixture was subjected to a
diffused acoustic field in a reverberation chamber; the acceler-
ation responses were measured at several locations.

The reverberation chamber has dimensions 10.33 m× 8.2 m
× 13.0 m (height). The volume of the chamber is 1101 m3 and
the surface area is 651.2 m2. The medium of the chamber is
air. When the experiment was conducted the temperature was
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Figure 4. SEA model of the system.

25◦ C and the relative humidity was 51 %. Correspondingly,
the density of the air was 1.21 kg/m3 and the speed of sound
in the air is 346 m/s. All these parameters are required while
computing the radiation resistance.

The fundamental acoustic mode of the chamber is 13.3 Hz.
In the third octave band centered at 63 Hz and above, the Sound
Pressure Level (SPL) in the room is almost uniform. In the
third octave band centered at 63 Hz, there are 19 modes in the
chamber. As this test deals with higher order modes, the results
are presented from 315 Hz third octave band and above. In
this frequency range, the sound field can be considered to be
reverberant.

The SPL is measured at three locations using 1/4 inch con-
denser microphones. The coordinates of the microphones are
M1 (2.15 m, 3.0 m, 3.0 m), M2 (−2.35 m, 3.0 m, 2.0 m)
and M3 (2.3 m, −3.5 m, 2.5 m). The coordinate system is
such that the origin is at the center of the floor and the Z is the
height from the floor. No correction factors need to be applied
in the frequency range of interest. The spatial average of SPL
at these three locations is taken as the excitation sound field.
The time domain data is recorded and SPL is determined off-
line. They are presented in standard 1/3 octave bands. Table 1
gives the sound field.

Accelerations were measured at 15 locations on the panel.
They are shown in Fig. 2, with bold dots. Piezo-electric ac-
celerometers were used for measurement. The accelerometers
have useful frequency range (±5 %) up to 5000 Hz. The time
domain data is recorded. Power Spectral Density (PSD) of the
acceleration responses are obtained with a resolution of 5 Hz.
Root Mean Square (RMS) values in standard 1/3 octave bands
were also obtained.

4. DESCRIPTION OF THE SEA MODEL

A model in SEA framework was developed. The SEA model
had 12 subsystems. Figure 4 shows the SEA model of the sys-
tem.

The sound field in the reverberation room is subsystem 1.
The modal density of this subsystem can be computed using
standard expressions available.1 The dissipation loss factor of
the room is related to the absorption coefficient21 of the room
which is a measured information. For completeness they are
given here:

n1 = 4πf2V1/c
3; (1)

η1 = S1cα1/8πfV1; (2)

where ni is the modal density and ηi is the dissipation loss
factor of ith subsystem at frequency f . The room has a volume
of V , surface area of S and the absorption coefficient of the
room is ᾱ The speed of sound is denoted by c.

The portion of the panel where equipment is not mounted
is called the subsystem ”panel”. The mass per unit area of
the panel is 5.6 kg/m2. The response of the ”panel” consists
of a resonant response and a non-resonant response. To de-
termine them in SEA frame work, they are treated as two dif-
ferent subsystems.31 Subsystem 2 is the resonant response of
the panel and subsystem 3 is the non-resonant response of the
panel. The actual response of the panel will be the sum (mean
square values of energies to be summed) of the responses of
subsystems 2 and 3. The dissipation loss factor considered is
0.05 for frequencies up to 1250 Hz and is 0.02 for frequencies
above 1250 Hz.24

The coupling loss factors involved in the resonant responses
are the radiation resistance of the panel. The expressions de-
rived originally by Maidanik,32 later modified by Crocker and
Price33 and Renji et. al.34 can be used in determining the ra-
diation resistance. For brevity they are not reproduced here.
The critical frequency of the subsystem panel is estimated as
526 Hz using the expression:35

ω2
c = (c4ρ/D)/{1− (c2ρ/N)}. (3)

The modal density is estimated using the relation:36

n(f) =
πAρf

N
{1 +

ρω2 + 2N2

D

(ρ2ω4 + 4ρω2N2

D )1/2
}; (4)

where A is the area of the panel.
The coupling loss factors involved for the non-resonant re-

sponse, if the subsystem has an area of Ai, mass per unit area
of ρi and a sound power transmission coefficient of τi, are:31

η31 = ρac/ρ3ω; (5)

η13 = 2τ3A3c(1 + η1a)/8πfV1; (6)

where ω is the circular frequency in rad/s and the parameter a
is equal to (ρω/2ρac).

There are 35 equipment pieces mounted on the panel. As
some of the equipment pieces are identical, they are com-
bined and considered as one subsystem and the responses esti-
mated for that subsystem are applicable for all those equipment
pieces. All 35 equipment pieces can be grouped into nine types
of equipment. In the SEA model, subsystems 4-12 represent
these nine types of equipment. The SEA model is shown in
Fig. 4. The SEA subsystem that represents each equipment is
shown in Fig. 2, with SEA subsystem number given in brack-
ets. As mentioned before, a few pieces of equipment which
are more or less identical are represented by the same subsys-
tem in the SEA model. Subsystem 12 represents eight equip-
ment, each having a mass of 1.7 kg. The equipment having a
mass of 2.8 kg has a mass per unit area of 191 kg/m2 and the
mass per unit area of the equipment having a mass of 3.6 kg is
203 kg/m2. As the mass per unit area of both types of equip-
ment are very close and the length of the line junction of this
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Table 1. Response of the subsystem ’panel’.

1/3 octave band centre frequency (Hz) SPL (dB) Estimated ( using Eq. (13)) RMS value of acceleration (g) Measured RMS value of acceleration (g)
315 132.1 5.8 1.5
400 123.9 2.7 1.2
500 120.8 2.7 2.7
630 119.3 3.1 2.6
800 113.4 1.2 0.91

1000 112.0 0.84 0.60
1250 113.8 0.87 0.76
1600 113.0 0.96 1.3
2000 114.0 0.94 1.1

equipment with the panel is also very close, both the pieces
of equipment are combined and represented by the same SEA
subsystem. Thus, SEA subsystem 11 represents 11 pieces of
equipment. The dissipation loss factor considered is 0.05.

The response of the equipment is due to the non-resonant re-
sponse generated by the acoustic excitation, resonant response
due to acoustic excitation and those due to the coupling with
panel.

The non-resonant response of a plate having a random inci-
dence sound power transmission coefficient of τr is given by:31

< v2 >x= (p2rms/4ρ
2
ac

2)τr. (7)

The random incidence sound power transmission coefficient
of a limp panel is

τr = 8ρ2ac
2/ρ2ω2. (8)

One can see that the non-resonant response is inversely pro-
portional to the mass per unit area. Mass per unit area of the
equipment varies between 120 to 220 kg/m2, the least being
120 kg/m2 compared to the mass per unit area of 5.6 kg/m2

of the subsystem panel. The non-resonant responses of the
subsystem equipment are expected to be quite negligible and
hence they are not considered in the SEA model. Thus, there
are 12 subsystems in the SEA model of the equipment panel.

The critical frequencies of subsystems 4-12 are quite high,
much beyond the frequency of interest. As the radiation re-
sistance at frequencies below critical frequency is very low,
the radiation resistances of these subsystems are negligible.
Therefore, the coupling loss factors between the acoustic field
and subsystems 4-12 are not considered. The above reason-
ing leads to the result that the responses of this equipment are
due to the coupling of these subsystems with the panel and not
directly from the acoustic field.

The coupling loss factors between the panel and the equip-
ment arise due to the change in the structural properties at
their junctions. The applicable coupling loss factor between
the panel (subsystem 2) and the equipment (subsystem 4) is
given by:19

η24 = 2cb,2Lτ24/(πωA2); (9)

where cb is the speed of the bending wave and L is the length
of the junction. The wave transmission coefficient τ24 can be
determined using the relation:38

η24 =
2
√
κχ(1 + κ)(1 + χ)

κ(1 + χ)2 + 2χ(1 + κ)2
. (10)

The parameter κ is the ratio of the speeds of the bending
waves:

κ = cb,2/cb,4; (11)

and the parameter χ is given by:

χ = (c2b,2/D2)/(c2b,4/D4). (12)

The wave attenuation is caused due to the change in the mass
per unit area and flexural rigidity etc.

Since some of the pieces of equipment are combined and
considered as one subsystem in the SEA model, the area and
the mass of one piece of equipment is taken as the area and
mass of the SEA subsystem. However, to satisfy the power
balance, the length of the interface junction of the subsystem
is the sum of the junction length of all such equipment. Even
if all the identical pieces of equipment are treated as separate
subsystems, the responses estimated for all those subsystems
would be identical.

The SEA model thus developed is shown in Fig. 4.

5. RESULTS AND DISCUSSION

The acceleration responses were estimated using the SEA
model described before and the results are presented here.
These results were compared with the measured results to un-
derstand where we stand with respect to the theoretical predic-
tions.

5.1. Response of Panel
The energy balance of the system gives the following rela-

tions between the energy of the subsystem, denoted by E, and
the power input to the subsystem, π:

ω bSY Sc {E} = {π}. (13)

As mentioned before, the SEA model has 12 subsystems and
therefore bSY Sc is a 12 × 12 matrix. The elements of this
matrix are functions of the dissipation and the coupling loss
factors. For the known input power, the energies of the sub-
systems can be determined by solving Eq. (13). Subsequently
their acceleration responses were estimated.

The RMS values of acceleration responses of the subsystem
”panel”, thus determined are given in Table 1 and Fig. 5. The
estimated results are the spatial average values, as in any SEA
based prediction. They were compared with the measured spa-
tial average results. Beyond 400 Hz, the estimated results were
in good agreement with the measured results. Differences seen
at low frequencies, which is expected in an SEA based esti-
mation, were due to fewer number of modes being present in
these bands.
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Table 2. Response close to an equipment.

1/3 octave band centre frequency (Hz) SPL (dB)
Estimated (using Eqs. (13), (14))

RMS value of acceleration (g)
Measured RMS

value of acceleration (g)
PSD of acceleration

(using Eq. (16)) (g2/Hz)
315 132.1 1.7 1.1 0.035
400 123.9 0.72 0.58 0.0048
500 120.8 0.60 0.60 0.0024
630 119.3 0.65 0.55 0.0025
800 113.4 0.68 0.38 0.0024
1000 112.0 0.44 0.77 0.0008
1250 113.8 0.38 0.78 0.0005
1600 113.0 0.38 0.89 0.0004
2000 114.0 0.32 0.71 0.0002

Figure 5. RMS value of acceleration response (using Eq. (13)) of ’panel’.

5.2. Response at the Interface of the
Equipment

In practice, the response at the interface of the equipment is
desired. The response at the location which is at a distance x
from an equipment is determined using the methodology de-
scribed in:24

< v2 >=
B2

2
[{(1 +G) cos kx−H sin kx+ Pekx}2

+ {(1−G) sin kx−H cos kx+Qekx}2];

(14)

where G and P are the real parts and H and Q are the imagi-
nary parts of the far field and near field reflection coefficients
as defined by Heckl38 and:

B2 = 2 < v2 >x /{1 +G2 +H2}; (15)

where < v2 >x is the spatial average value of the response
which can be determined using SEA. Thus, response at any
location can be estimated using Eq. (14) along with Eq. (15).

Using the SEA model described before, the spatial average
values of acceleration responses of all equipment were de-
termined. The responses were measured at several locations
on the panel and at the interfaces of several equipment. The
results are presented here for a particular type of equipment
which has a mass of 4.5 kg and having interface dimensions
215 mm × 185 mm. This equipment was represented by sub-
system 7 in the SEA model. The response was measured at
location 2 which is shown in Fig. 2. The estimated and mea-
sured responses at location 2 are given in Table 2 and Fig. 6.
One can see a reasonably good agreement in the mid-frequency
range and at higher frequencies the measured responses being
higher.

Figure 6. RMS value of acceleration response (using Eqs. (13), (14)) close to
an equipment.

5.3. PSD of Response

For specifying random vibration loads for equipment, one
needs to estimate the Power Spectral Density (PSD) of the ac-
celeration response. One can determine the PSD by dividing
the mean square value by the band width. However, the PSD
thus determined will be an average value and hence it gives
a very low value compared to the measured. Therefore, the
methodology presented in reference39 is attempted here. If the
mean square value of acceleration in the given band is< a2 >,
PSD of acceleration response, denoted by φaa(f), is given by:

φaa(f) =
< a2 >

(δN)(π/2)∆
; (16)

where δN is the number of modes present in the band and ∆

is the half-power bandwidth of a mode. The estimated PSD
of the acceleration response is given in Table 2. The PSD of
the measured acceleration response at location 2 is shown in
Fig. 7.

In 315 Hz band, the estimated response is 0.035 g2/Hz
whereas the measured value is approximately 0.03 g2/Hz.

It is thus demonstrated that the responses of such panels
can be determined in SEA framework. As a side-note, if the
response of this panel at location 2 is extrapolated for the
acoustic levels to which the spacecraft needs to be designed
and tested, the estimated response in 315 Hz band will be
0.15 g2/Hz. This type of equipment is generally tested to a
PSD of random vibration of 0.22 g2/Hz in the above band. It
is to be noted that what is attempted here is estimation of the
PSD of acceleration response of a panel with large number of
equipment attached, in SEA framework.
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Figure 7. PSD of measured acceleration response, close to the equipment.

6. CONCLUSIONS

A methodology in SEA framework was developed to es-
timate the responses for panels with non-uniform mass dis-
tribution. The pieces of equipment were considered as sep-
arate subsystems and the SEA model was built. The accel-
eration responses of the equipment were estimated using the
SEA model, which is a spatial average. The accelerations at
the interface of the equipment were then determined based on
the standing waves generated due to the change in the struc-
tural properties. Following this methodology, the acceleration
responses of a typical equipment panel mounted with several
equipment pieces were estimated. They are in good agreement
with the experimentally obtained results. The application of
SEA in situations where the mass distribution was not uni-
form, was thus demonstrated. The response of the equipment
is mainly through the line connection with the panel and the
response generated directly from the acoustic filed was negli-
gible.
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